HEAT TRANSFER AND HEAT
EXCHANGERS

1. Introduction

In many branches of engineering and technology, it is of great interest to be able
to calculate temperature distributions and heat fluxes. In order to design, size,
and rate heat exchangers, eg, condensers, evaporators, and radiators, analysis
of the heat transfer is needed. Huge applications of this type of equipment
appear frequently in heat and power generation, process industries, automotive
engineering, etc. Design and sizing of air conditioning equipment, electronics,
cooling, and insulation of buildings require knowledge of heat transfer. There
are many heat transfer problems present for vehicles.

To enable stress and strain analysis in equipment exposed to high tempera-
ture, analysis of the temperature field and heat loads is needed. In manufactur-
ing, production, and treatment of materials, heat transfer is also important.

Cooling of electronics and other equipment carrying electrical currents is an
important application area of heat transfer. In combustion devices, Heat transfer
by thermal radiation and convection is also of significance in combustion devices.

Processing and treatment of food require analysis of heat and mass
transfer.

2. Heat Transfer Theory

Heat is a form of energy that is always transferred from the hot to the cold part
within a substance or from a body at a high temperature to another body at a
lower temperature. The bodies do not need to be in contact, but a difference in
temperature must exist.

In some cases, the amount of heat transferred can be determined simply by
applying basic relations or laws of thermodynamics and fluid mechanics. In other
cases, where the mechanisms of the heat transport are not completely known,
methods of analogy or empirical methods based on experiments are applied.

Heat can be transferred by three different means, namely, heat conduction,
convection, and thermal radiation, see Figure 1.

Heat conduction is a process where the energy transfer from a region at a
high to a low temperature region is governed by molecular motion, as in solid
bodies and fluids (gases and liquids) at rest, and by movement of electrons as
for metals. The heat transfer rate @ is for the plane wall in Figure 1 written as

: t1 —to
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In equation 1, A (or k) is the thermal conductivity (W/mK), A is the area
through which heat is passing, b is the wall thickness, and ¢ is temperature.

Typical values of the thermal conductivity are given in Table 1 (1,2).

When a fluid is flowing along an exterior surface or inside a duct, and since
the temperatures of the fluid and the solid surface are different, the amount of
heat being exchanged is affected by the macroscopic fluid motion. This type of
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heat transfer is called convection. Depending on how the macroscopic fluid move-
ment is created, forced convection or free (natural) convection prevails. In some
cases, both forced and free convection occur simultaneously. The process is then
called mixed convection or combined forced and free convection. The heat trans-
fer rate @ is written by introduction of the convective heat transfer coefficient i
(or &) (W/m?K) as

Q_ _
A OL(tf - tw) - h(tf - tw) (2)

>

In equation 2, ¢; is the fluid temperature and ¢, is the wall temperature.

Typical values of 2 or o are given in Table 2 for air and (1-3).

In the forced convection heat transfer, the heat transfer coefficient, o or A,
depends on the fluid velocity, type of fluid, and geometry. The flow field may be
classified as laminar or turbulent. Laminar flow is generally characterized by low
velocities and turbulent flow by high velocities. It is customary to use the Rey-
nolds number, Re, to identify whether a flow is laminar or turbulent.

2.1. Dimensionless Numbers in Convection Heat Transfer
Analysis. Reynolds Number. The Reynolds number, Re, is named after
Osborne Reynolds, who studied the flow of fluids, and in particular the transition
from laminar to turbulent flow. This transition was found to depend on flow velo-
city, viscosity, density, tube diameter, and tube length. By using a nondimen-
sional group, defined as pVD,/u, the transition from laminar to turbulent flow
for any internal flow takes place at a value of ~2300. Hence, the dimensionless
Reynolds number is commonly used to describe whether a flow is laminar or tur-
bulent. Thus for a tube flow one has

Re = pVD; /. (3)

where p is the fluid density, V the average flow velocity, D; the tube inside dia-
meter, and p is the dynamic viscosity of the fluid.

Noncircular tubes are often used in various compact heat exchangers and
the Reynolds number in these tubes is of interest. For noncircular tubes, eg,
square, rectangular, elliptic, and triangular tubes, the so-called hydraulic dia-
meter, D, defined as

D, = (4)

S

is used in the definition of the Reynolds number where A and P,, are the cross-
sectional area and the wetted perimeter of tube, respectively. The noncircular
tubes are used in compact heat exchangers mainly because of their geometry,
ie, a greater surface area per unit volume of the exchanger is possible.

Nusselt Number. Empirical correlations can be obtained for a particular
size of tube diameter and particular flow conditions. To generalize such
results and to apply the correlations to different sizes of equipment and
different flow conditions, the heat transfer coefficient, & or «, is traditionally
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nondimensionalized by the use of the Nusselt number, Nu, named after Wilhelm
Nusselt,

Ny=—=— (5)

where L is a characteristic length for the flow geometry under consideration, eg,
for flow inside a tube; L is equal to the tube internal diameter (D,); and %/ is the
thermal conductivity of the fluid.

Prandtl Number. The Prandtl number, Pr, is the ratio of the kinematic
viscosity, v, to the thermal diffusivity, a.

_V_HKep
Pr= @ R, (6)

Unlike the Reynolds and Nusselt numbers, which depend on flow condi-
tions, the Prandtl number is independent of flow conditions and is a thermophy-
sical property of a fluid. Values of the Prandtl number of air and water at room
temperature are ~0.7 and 7.0, respectively. The Prandtl number of air remains
almost constant with increasing temperature, whereas that of water decreases
significantly, ie, for water Pr = 1.9 at 93°C. Some well-known heat transfer fluids
have relatively high Prandtl numbers. For example, the Prandtl numbers of gly-
cerin, ethylene glycol, and engine oil are 12.5, 204, and 10,400, respectively (1,2).

2.2. Correlations for Convective Heat Transfer. In the design or siz-
ing of a heat exchanger, the heat transfer coefficients on the inner and outer
walls of the tube or duct must be calculated. Summaries of the various correla-
tions for convective heat transfer coefficients for internal and external flows are
given in Tables 3 and 4, respectively, in terms of the Nus. In addition, the friction
coefficient is given for the determination of the pumping requirement.

The convective heat transfer coefficient for laminar flow in noncircular
ducts can be calculated from empirically or analytically determined Nusselt
numbers, as given in Table 5. For turbulent flow, the circular duct data with
the use of the hydraulic diameter, defined in equation 4, may be used.

Composite Plane Wall and Circular Tube. In many engineering applica-
tions, a plane wall is composed of more than one material as shown in Figure 2.
On the hot and cold sides, usually convective heat transfer occurs. All thermal
resistances are in series, so the total heat transfer rate is given by equation 7.

- te, — Iy, 7
o R A B "

Tubes are frequently appearing in engineering practice, eg, tubular heat
exchangers, and for a composite wall, as shown in Figure 3, the corresponding
expression for the heat transfer rate reads:

Q= L )

1 1 ro 1 r3 1
27Tr1Loq + 27‘(}»1[1 ln r + 27()&2[1 ln ro + 27Tr3LO(o
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Extended Surfaces or Fins. An extended surface means a solid body that
experiences heat transfer by conduction within its boundaries and by convection
(and/or radiation) between its boundaries and the surroundings. In most applica-
tions, the extended surface is used to enhance the heat transfer rate between a
solid and an adjoining fluid. Such an extended surface is termed a fin. Different
fin configurations exist, and in Figure 4 annular fins on a tube and rectangular
fins on a plane wall are shown.

Concepts of fin effectiveness and efficiency are introduced to calculate the
fin performance. The effectiveness is defined as the ratio of the fin heat transfer
rate to the heat transfer that would exist without the fin. The fin efficiency o is
defined as the ratio of the fin heat transfer rate to the heat transfer rate of an
identical fin, but with infinite thermal conductivity. Thus the value of ¢ is in
the interval [0, 1]. For the configurations in Figure 4 the heat transfer rate is
given by

Q = oty —tr)(Ap + PAfins) 9)

For rectangular fins, the fin efficiency can be calculated according to

tanh mL
oO=———F"

T (10)

where m is m = \/i—Z(b is the fin thickness, A the fin thermal conductivity

and o the heat transfer coefficient).

For annular fins as in Figure 4 the fin efficiency can conveniently be deter-
mined from Figure 5 below.

Thermal Radiation. Heat transfer by radiation does not require any
medium to propagate. The heat transfer between two surfaces by radiation is
in fact maximum when no media is present between the surfaces. Radiation
may occur between surfaces, between a surface and a participating medium
like a gas. The heat exchange due to radiation is governed by electromagnetic
waves according to Maxwell’s theory or in the form of discrete photons according
to Planck’s hypothesis. For surfaces in an enclosure, the radiative heat exchange
for any of the surfaces is given by equations 11 and 12.

2
1—8i

Qi =A;> Fu(di —Jx) (12)
D

Q; = A (Ep; —dJ;) (11)

where Ep ;is the blackbody radiation of surface i given by the Stefan—Boltzmann
law, J; is the radiosity of surface i, F;;, is the view factor between surfaces: and %,
A; is the area of surface i, and ¢; is the emissivity of surface i. In conventional
heat exchangers, radiative heat transfer may not be important, but in high
temperature applications it may have an effect and sometimes gaseous radiation
may be present as well.
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3. Heat Exchangers

3.1. Introduction. Heat exchangers are equipment being used for trans-
fer of heat between two or more fluids at different temperatures. Several types of
heat exchangers have been developed and are being used in power plants, as
refrigerators and automotive heat exchangers, heat pumps, air conditioning, che-
mical process industries, etc. In so-called shell-and-tube heat exchangers and
vehicle radiators, heat is primarily transferred by convection and conduction
from a hot fluid to a cold one, which are separated by a metallic wall. In evapora-
tors and condensers, the heat transfer due to evaporation and condensation is
the primary mechanism. In some heat exchangers, eg, cooling towers, the hot
fluid (water) is cooled by direct mixing with the cold fluid (air). Design and sizing
of heat exchangers are complicated engineering work. Convective heat transfer,
pressure drop, estimation of the thermal performance and economical issues are
important at the final design. For big units in power plants or chemical process
industries, the cost (investment and operation) might be an important issue
while in applications for space and aircraft, the weight and size (compactness)
might be most important. In this article, the functioning and classification of
heat exchangers are presented. Methods for analysis, sizing, and rating are
provided.

3.2. Classification of Heat Exchangers. Heat exchangers may be
classified in various ways. Here the method introduced in (4) is followed. Heat
exchangers are distinguished by (a) how the heat transfer process occurs; (b)
compactness (heat transfer area per unit volume); (¢) design principle; (d) flow
process; and (e) mechanism for the heat exchange.

Heat Transfer Process. Heat exchangers may operate in direct contact
with the fluids or by indirect contact. If direct contact prevails, the heat transfer
occurs between two immiscible fluids, eg, a gas and a liquid that are forced into
contact. Cooling towers are such examples.

Cooling towers are often applied to cool waste heat from industrial pro-
cesses. Commonly, both natural convection and forced convection towers are
used. Figure 6 shows a cooling tower in which natural convection prevails.
Water is sprayed directly into the air stream that is moving upward by natural
convection.

The falling water droplets are cooled by convection, but also by evaporation
of the liquid water. In the tower, there are several decks that among other things
slow down the droplet downward motion. Therefore the exposure time to the cold
air stream is increased. Cooling towers may have heights of >100 m. For cases
with forced convection, the air stream is forced through the tower by fans. The
fans might be located at the top of the tower and then the air is sucked through
the tower. In other designs, the fans are at the bottom of the tower and the air is
pressed through the tower. The increased air circulation will increase the cooling
capacity.

In heat exchangers having indirect contact, the hot and cold fluids are sepa-
rated by an impermeable surface. The fluids are not mixed. This is the most com-
mon heat exchanger type and sometimes these are referred to as surface heat
exchangers.
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Compacitness. The ratio between the heat transfer area (on one side of
the heat exchanger) and the volume is used as a measure of the compactness
of the heat exchanger. If this ratio, A/V, is >700 m?/m?, the heat exchanger is
said to be compact. Radiators in private cars has typically 1100 m?*m?® and in
some glass—ceramic heat exchangers A/V might be 6500 m?m?® The human
lungs have A/V ~ 20,000 m?*m?® and are the most compact heat mass exchanger.
Shell-and-tube heat exchangers, which are very common in the process indus-
tries, have A/V ~ 70-500 m?*/m? and are usually not considered as compact.

A reason to apply compact heat exchangers is that a high A/V value
diminishes the volume. When heat exchangers are used in cars, trucks and
buses, marine vehicles, aircraft and space ships, cryogenic systems, as well as
in air conditioning, the weight and size (volume) and thus compactness, is a
key issue. In gas-liquid heat exchangers, the heat transfer coefficient on the
gas side is much less than that on the liquid side. To enable the transfer of a cer-
tain heat power, the surface of the gas side must be increased. Fins or extended
surfaces of various geometries are then being used. Figure 7 shows a typical com-
pact heat exchanger.

Sometimes the amount of heat transferred per unit volume (W/m?®) is used
as a measure of the compactness.

Types of Design. Heat exchangers may also be classified according to the
design. So, for example, one speaks about shell-and-tube heat exchangers, plate
heat exchangers, finned plate heat exchangers, finned tubular heat exchangers,
and regenerative heat exchangers.

Shell-and-tube heat exchangers are the most common heat exchangers and
are manufactured in a wide range of sizes, flow arrangement, etc. The manufac-
turing method is relatively simple and if common carbon steels can be used, the
heat exchanger might be very cheap. The most common layout consists of a large
number of tubes placed in a cylindrical shell (thus the name shell-and-tube heat
exchanger). Figure 8 shows a principle sketch of a simple shell-and-tube heat
exchanger, where one of the media is flowing in the tubes (tube side) and the
other one is flowing on the outside of the tubes (shell side fluid). Typical compo-
nents in such heat exchangers are the tube bundle, the shell, distribution and
collection headers, and the baffles.

The baffles are used to support the tubes, guide the flow so the outside sur-
faces of the tubes are mainly approached in cross-flow, and to increase the tur-
bulence in the flow field. Different types of baffles exist. The design, the distance
between and the geometry of the baffles depend on the flow velocity, permitted
pressure drop on the shell side, required support for the tubes, and the risk for
flow induced vibrations. The heat exchange may occur from one liquid to another
from a liquid to a gas or from a gas to another gas. Also, two-phase flows on either
side is possible. Liquid—liquid is the most common case, but also liquid—gas
occurs frequently. In the latter case, usually fins or extended surfaces are used
on the gas side as the convective heat transfer coefficient is low there.

Plate heat exchangers (PHEs) are built up by a number of thin plates
assembled together in a package. The plates can be smooth or more commonly
corrugated in some way. Plate heat exchangers may normally not operate at
as high pressure and temperatures as shell-and-tube heat exchangers. The
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reason is because often a gasket is used to seal between adjacent plates. The com-
pactness is ~120—250 m?/m?. Figure 9 shows a typical PHE.

Finned plate heat exchangers are shown in Figure 10. The compactness can
be as high as 6000 m?/m?. Most commonly, this heat exchanger type is for gas-to-
gas exchange. Louvered, perforated or so-called offset-strip fins are used to sepa-
rate the plates and create flow channels. Cross-flow, counterflow, or parallel flow
arrangements are common.

Finned tubular heat exchangers are used as a high operating pressure pre-
vails for one of the media or when finned surfaces are needed, eg, for heat
exchange between a liquid and a gas. Figure 11 shows two common configura-
tions, one with circular tubes and another with flat tubes. The compactness is
usually <350 m?m?.

Regenerative heat exchangers might be static or dynamic. The static type
consists of a porous material through which the hot and cold fluids are flowing
in alternate fashion. Switch equipment controls the periodic flow of the two
fluids. The hot fluid heats up the porous material that in the next sequence
heats up the cold fluid. This process is repeated periodically. In the dynamic
type, the heat exchanger core is rotating in such a way that part of it is periodi-
cally exposed to the hot fluid and then successively to the cold fluid. Rotating
regenerative heat exchangers are used as preheaters in heat and power plants
and as heat recovery units in air conditioning systems. The heat exchanger is
most suitable for gas to gas heat exchange because for gases only the heat capa-
city of the core is much larger than those of fluids.

Classification Based on Flow Process. This section present the most
common flow processes considered for classification of heat exchangers. Cocur-
rent flow or parallel flow means that the fluids are entering the heat exchanger
at the same place and are flowing in the same direction along the exchanger,
finally leaving the heat exchanger at the same place. Figure 12 shows a principle
sketch of a parallel flow heat exchanger.

Counterflow in heat exchangers means that the hot and cold fluids are
entering the exchanger at different places and flow in opposite directions,
which is depicted in Figure 13.

In so-called cross-flow heat exchangers, the fluids are flowing perpendicular
to each other, see Figure 14.

The flow field for each media is said to be mixed or unmixed. Figure 15
shows a case where both the hot and cold fluids are flowing through individual
channels, ie, the fluid streams cannot pass in the transversal direction. Both
fluids are unmixed in this case.

In Figure 16, one medium is flowing in the tubes and cannot move in the
transversal direction. This medium is unmixed. The other fluid is flowing across
the tubes and is free to move in the transversal direction. This medium is there-
fore regarded as mixed.

Multipass flow fields are common in heat exchangers, in particular for so-
called shell-and-tube heat exchangers. Figure 17 shows some typical arrange-
ments.

Figure 17a shows a case with one shell pass and two tube passes, while
Figure 17b shows an arrangement with two shell passes and four tube passes.
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Classification According to the Mechanism for Heat Transfer. The
mechanism for heat transfer includes a combination of the mechanisms listed
has. (a) Single-phase forced or free (natural) convection; (b) boiling or condensa-
tion; and (c) radiation or combined radiation and convection.

3.3. The Overall Heat Transfer Coefficient. Figure 18 shows the prin-
ciple of heat transfer from the hot to the cold fluid.

The amount of heat transferred is written as

: 1
Q=UA Aty = ™' AV (13)
where U is the overall heat transfer coefficient, A is the area the heat is passing,
and At,, is a mean temperature difference between the hot and cold fluids. The
equation TR = 1/UA is the resistance to heat transfer and is called the total ther-
mal resistance. Between the hot and cold fluids, several resistances appear (2).
These resistances are in series and are combined to TR according to

1,1 by 11
A apA; MAy apAs %A,

TR = (14)
where o; is the heat transfer coefficient on the inside, A; is the convective heat
transfer area on the inside, o, is the fouling factor on the inside, b,, is the thick-
ness of the intermediate solid wall, &, is the thermal conductivity of the wall ma-
terial, A,; is the heat conducting area, oy is the fouling factor on the outer
surface, o, is the heat transfer coefficient on the outer surface, and A, is the con-
vective heat transfer area on the outer side. The resistance due to heat conduc-
tion in equations 13 and 14 is only valid for a plane wall or if the material
thickness is very small. The heat transfer coefficients o; and o, are determined
with methods presented in, eg, References 1, 2.

In practical applications, the heat transferring surfaces are fouled by the
fluids due to various mechanisms. The fluid type itself is also important. This
results in thermal resistances as evident in equation 14. Usually, fouling factors
1/oF and 1/ag,, respectively, are introduced to account for this, see, eg, (5-8).
Table 6 [data from (5)] provides some values for the fouling factor.

3.4. The Logarithmic Mean Temperature Difference (LMTD) Method
for Analysis of Heat Exchangers. In the thermal analysis of heat exchan-
gers, the total heat transfer rate @ [W] is of primary interest. To get started, the
overall heat transfer coefficient U is assumed to be constant in the whole heat
exchanger (average value). The heat transfer rate is then written

Q =UA- Aty (15)

where A is the heat transferring area and A¢,, is a proper average of the tem-
perature difference between the hot and cold fluids. Now one has to find an
expression for Az, so that equation 15 is valid. To enable this, counterflow and
parallel flow will be considered.

Counterflow Heat Exchangers. In principle, Figure 19 shows the tem-
perature distributions of the hot and cold fluids in a single pass counterflow
heat exchanger.
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For the element dA, one has

dQ = UdA - At = —(mc,),dty, = —(mc,),dt. (16)
where index A means hot fluid and index ¢ means cold fluid.

For the heat capacity, flow rates mc, is the following notations are intro-
duced

Cy = (mcp)y,, Ce = (mep), (17)
The total heat transfer rate Q can be written
Q = Ch (thin - thout) (18)

Q = Cc(tcout - tcin) (19)

At in equation 16 can be written

At =t), —t, (20)
The change in At is, d(At) = dt;,—dt.. With equations 15 and 16 one has

1 1

=dQ (= —— 21
d(at) =dQ- (5~ 5) (21)
By using the first part of equation 16, one has
1 1
d(At) =UdA At(a - C—h)
d(At) 1 1
—a UdAG g
Integration over the whole heat exchanger gives
Atb A
d(At) 1 1
[ 5= Jvaac )
At, 0
Aty 1 1
In A UA(E - C—h)

With equations 15, 18 and 19, one obtains

1 Atb _ Q (tcout — tcin) (thin — thout)
n = n — -
Aty Abm Q Q
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For At,,, one finds

At,, = LMTD = Atb;mfta
In A
or
Aty = LMTD = (thout — tcin) - (thin - tCout) (22)
ln (thout 7tcin>

<thin _tcout )

Equation 28 gives At,, for a counterflow heat exchanger. This temperature
difference, which also will be applied for other heat exchangers, is called LMTD.
Please observe that if the heat capacity flow rates of the fluids are equal, the tem-
perature difference will be constant across the heat exchanger, ie, > At = At,, =
(thout - tcin) = (thin - tcout)'

Parallel Flow Heat Exchangers. Figure 20 shows the principal tempera-
ture distributions in a single pass parallel flow heat exchanger.

With the notations in Figure 20, it is possible to derive, in a similar manner,
an expression for Az, of a parallel flow heat exchanger.

Aty — At
Aty = biAtba
lnA—ta
or
th, —te. ) — (L —t
Atm _ ( hin lcm)@h. EZou)t Cout) (23)
n in n

<thout 7tcout )

Correction Factors for LMTD for Noncounter Flow Heat Exchangers.
Commonly, the temperature difference LMTD, according to equation 22 is used
independent of the heat exchanger type and the flow arrangement in engineering
analysis and design. The heat transfer rate is written as

Q =UA-F.-LMTD (24)

where F'(0 <F < 1) is a correction factor that accounts for the deviation from the
corresponding counterflow arrangement.

Commonly, two parameters P and R are introduced. These represent an
efficiency or goodness number and the ratio between the heat capacity flow
rates, respectively.

One has

P — tcout — tcin
th, —tey,

in
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and
. (mcp)c
= (mcp) (26)

With equations 18 and 19 the ratio R can be written as

R= thin — thout (27)
tcout - tcin
The correction factor F depends on P and R, as well as on the heat exchanger
type. Analytical expressions are available in the international literature for a
number of cases. The mathematics and the algebra to derive the expressions is
quite extensive. Here, only some results are presented in a few figures, and from
these F can be determined.

Figure 21 gives F for a shell-and-tube heat exchanger with one shell pass
and multiples of two tube passes (2, 4, 6, 8, ..., 2n tube passes). In Figure 22,
F is provided as a function of P and R for a shell-and-tube heat exchanger
with two shell passes and four tube passes (or multiples of four tube passes),
while Figure 23 presents F' for a cross-flow heat exchanger where both fluids
are unmixed. Figure 24 gives F for a cross-flow heat exchanger where one fluid
is unmixed while the other is mixed.

For technical applications it is improper to use a heat exchanger with F' <
0.75. If F > 0.75 can not be achieved for a certain design, one should select
another heat exchanger type. For F' < 0.75 it is clear from the graphs that the
curves become almost vertical, which means that small variations in the tem-
peratures or flow rates will result in great differences in the performance of
the heat exchanger. More detailed information concerning the correction factor
F can be found in References 9-12.

3.5. The &-NTU Method for Analysis of Heat Exchangers. In the
analysis of the performance of a certain heat exchanger, the amount of heat
being transferred, outlet temperatures of the fluids, and the pressure drops
are of most interest. At the design and sizing stage of a heat exchanger, the
heat transferring area and other dimensions are determined in such a way
that a prescribed heat flow can be transferred and the pressure drops are within
permitted limits.

If the inlet and outlet temperatures of the hot and cold fuids are given, the
LMTD method is quite suitable. In other cases, the so-called e-NTU method is
more appropriate. This method was originally developed by Kays and London
1955 (13).

The efficiency or effectiveness ¢ is defined as

. real heat transfer rate B Q (28)
- maximum possible heat transferrate @

max

The theoretical maximum heat transfer rate states that the fluid with the lowest
heat capacity flow rate receives—gives up if its outlet temperature becomes equal
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to the inlet temperature of the other fluid. This means Qmax = Chin(tn,, — te)-
With the notations already introduced, one has
€ = Ch (thin B thout) — CC (tcout — tcin) (29)
Crnin (thm - tCm) Chnin (thm - tcin)

where C;, is the smallest value of C;, och C..

From equations 28 and 29 it follows that

Q= 8Cmin(thin —tey,) (30)
The number of transfer units (NTU) is defined as

UA
Cmin
This dimensionless number (originally introduced by W. Nusselt) expresses the

ratio between the heat capacity of the heat exchanger [W/K] and the smallest
heat capacity flow rate Ciin = (mc,)

NTU =

(31)

Now, consider a counterflow heat exchanger. Equations 31, 15 and 22 give
@/LMTD
Cmin

The temperature differences in LMTD, see equation 22, can be rewritten as

NTU = (32)

B . Q.,Q 51 1
(thout - tcin) - (thin - tcout) - (thout - thin) - (tcin - tcout) - Ch + C. - Q(Cc Ch)
(33)

(thow = Tew) _ —(thi — thoud) + (thy —Te) _ —Q/Ch + Q/(6Cmin) _ Ce(Ch — €Crmin)
iy —teq)  (Ehiy — o) + (e —tews)  Q/(eCrmin) — Q/Ce  Cr(Ce — €Crmin)

(34)
With equation 22, 32, 33 and 34, one obtains
1 In(g-g=tgm=
NTU = (C; C lcmm) (35)
min C. TG

First, assume that C,;, = C,, which means C,,,x = C},. After some algebraic ma-
nipulations one achieves

- 1 —exp[—(1 — Cpin/Crmax)NTU] (36)
¢ 1- Cmin/cmaxexp[f(l - Cmin/Cmax)NTU]

If Cnin is set to Cj, one will obtain exactly the same result.
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Similar calculations can be carried out for other heat exchanger configura-
tions and results are presented in the international literature.

Formulas ¢ = funktion (NTU, Cyin/Cmax) and NTU = funktion (g, Cpin/Chax),
respectively, are provided for several cases in Tables 7 and 8. Note that some of the
formulas are exact, while others are approximate. Figures 25 and 26 present some
solutions as diagrams. These are suitable for simple engineering calculations and
estimations.

Please note that in Figures 25 and 26 and in the Tables 7 and 8, C is the
heat capacity flow rate ratio, ie, C = Cpin/Cmax-

3.6. Condensers and Evaporators (Boilers). For cases with conden-
sers and evaporators, the fluid being condensed or evaporated has a constant
temperature (saturation temperature). If the effectiveness ¢ should be finite,
the heat capacity flow rate C (Cj, eller C,.) must be infinite, because the tempera-
ture difference is zero. The parameter C,,,, is thus infinite and the ratio C,,;,/
Cmax =0.

3.7. Compact Heat Exchangers. Heat Transfer and Friction
Factor. 1In the section on classification of heat exchangers, it was said that a
heat exchanger is compact when the ratio between the heat transferring area
and the volume (A/V) was >700 m?m?. Commonly, at least one of the fluids
in such heat exchangers is a gas. Many different configurations exist and heat
transfer and pressure drop data are available in, eg, Reference 13. In this sec-
tion, some configurations will be presented and the associated heat transfer
and pressure drop data are given. Figure 27 shows the heat transfer coefficient
and friction factor on the gas side for a so-called tubular heat exchanger with
plane lamellas (also called plate fin-and-tube heat exchangers), while Figure
28 shows corresponding data for a heat exchanger with circular or annular
fins. Please observe that the given data are only valid for specified dimensions
that are given in each Figures. In these Figures, the Stanton number St and
the Reynolds number are defined as

St—_2% Re—GDn (37)
Gep, p

where G is the mass velocity which is given by
m
Amin

where m is the mass flow rate and A,,;, is the minimum cross-flow area. The hy-
draulic diameter is defined as

G = (38)

D, =4

AminL
o (39)

where A is the total heat transferring area and L is the depth of the heat exchan-
ger in the main flow direction.
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Tubular heat exchangers in staggered arrangement and with plane fins, as
shown in Figure 27, are common in, eg, air conditioning units and refrigeration
equipment. Several correlations for heat transfer and friction factor are available
in the literature (14). Gray and Webb (15) suggest the following correlation:

St = O'14R650.328(St/sl)—0.502(S/D)OOSIZ Pr72/3 (40)

This equation is valid for four or more tube rows in the main flow direction. For
fewer tube rows, N, a correction is recommended as

Sty /St = 0.991(2.24 Re,* %92 (N /4)~0-031)0.607(4-N) (41)

The Reynolds number is calculated as

Re]_) = GTD (42)

where D is the outer diameter of the tubes. Other notations are given in Figure
29.

The friction factor is splitted up in two parts, which can be related to the
pressure drop over the fins, f;, and the pressure drop over the tubes, f;, respec-
tively. The friction factor, f;, is calculated as

ff — 0.508R650.521 (St/D)l.318 (43)

and f; can be calculated according to the correlation for tube bundles by Zukaus-
kas and Ulinskas (16). A somewhat simpler correlation has been presented by
Jakob (15). This relation reads

4 0.118
=—(025 ———
ft ( (St/D o 1)1.08

™

Re5°'16> (S;/D — 1) (44)

The total friction factor is calculated according to

f:ff‘:—:+ ﬁ( i—j)(l%) (45)

where Aris the fin area and A, the total area on the gas side, ie, the fin area plus
the tube area.

The correlation by Gray and Webb is valid for 400 < Re < 24,700,
1.97<8S;/D <2.55,1.70 < S;/D < 2.580ch 0.08 <s/D < 0.64.

Correlations for friction and heat transfer on the gas side in tubular heat
exchangers with plane fins, Figure 28, are available in Reference 16. Data for
other fin geometries are available in Reference 17.
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By using the heat transfer data (o from St¢) for the gas side, eg, from
Figure 27, Figure 28 and equation 40, and the heat transfer coefficient for inside
tube flow (2) the thermal resistance (1/UA) for the heat exchanger can be calcu-
lated. The LMTD-method or the e-NTU method can then be applied for design
and sizing or analysis of the heat exchanger.

As the thermal resistance on the gas side is determined, the fin efficiency
has to be considered, (2). The total resistance (except fouling factors) is written as

11 by 1
UA B (Pvo o) )\wAvl O5i14i

(46)

(In equation 46 it is assumed that only the gas side (outer surface) has fins while
the inside is smooth) The overall efficiency on the gas side is related to the fin
efficiency according to

0 =1-501-0) (47)

A, is the total heat transferring area on the gas side.

Pressure Drop in Compact Heat Exchangers. The pressure drop on the
gas side in compact heat exchangers, like those in Figures 27 and 28, is usually
splitted up in three components, namely, the frictional loss, acceleration of the
fluid, and inlet and outlet losses. For tubular heat exchangers with plane fins
as in Figure 28 and if the gas is passing the tubes in cross-flow, the pressure
drop is calculated as

2 A o
Ap =2 (14 0 (pi/pout — 1) + foPin (48)

2pin Arnin Pm

In equation 48 p;, is the density at the inlet, p.y; is the density at the outlet, and
G is determined by equation 45. The area ratio ¢ is determined according to

Amin
o= 49
Afront ( )
The average density p,, is calculated according to
1 1/1 1
1) 5
Pm 2 Pin Pout

In equation 47, the inlet and outlet losses are included in the friction factor f. For
finned plate heat exchangers, see Figure 9, the pressure drop is calculated
according to
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A o .

Ap_ G Kt 1-0Dt 2pin—pous— D+ fr—2 (1-K, - o?)

b= 20. Amin Pm Pout
Pin | jnlet acceleration friction exit

(51)

In equation 58, K, is a contraction coefficient at the inlet and K, is an expansion
coefficient at outlet. Typical values of K, and K, are given in Reference 13.

Trends in Development and Ongoing Research. 1In Reference 13, heat
transfer and pressure drop data are available for a number of configurations
for compact heat exchangers. However, end users of heat exchangers require
increased compactness and cheaper manufacturing techniques. The heat trans-
ferring surfaces then need to be modified or further developed and innovative
new surfaces are also of interest. This also requires that new heat transfer
and pressure drop data be established. In References 18-22, ongoing R & D
works are exemplified.

3.8. Shell-and-Tube Heat Exchangers. So-called shell-and-tube heat
exchangers are the most common exchangers in the process industries. The
heat power is commonly >1 MW and the heat transferring area might be up to
5000 m?. Figure 30a—d show principal sketches of some design layouts.

The advantages commonly associated with shell-and-tube heat exchangers
are

e Great flexibility in operating conditions; phase change, condensation,
evaporation.

¢ Robust equipment.
e Huge operating pressure range.
e Thermal stresses can be handled by proper selection of material.

e Fins can be used on the tube surfaces and then the heat transferring area
is increased.

Some disadvantages associated with shell-and-tube heat exchangers are

o Risk for flow-induced vibrations.

e Hard to perform an accurate design because the correlations on the shell
side suffice of inaccuracies.

The tube length might be 1-20 m and the shell diameter is typically in the range
of 0.25-3.1 m. The outer-tube diameter is within 6—51 mm.
3.9. Practical Design Aspects.

Temperature differences: ty, —t. >20°C, ty, —t,, >5°C

Temperature level: If one of the fluids is at a high temperature, this fluid
should be on the tube side, as the number of components to be manufac-
tured as high temperature material will be limited.

Pressure drop: The order of magnitude of Ap is typically 10—500 kPa on both
the tube and shell sides, but usually a little less on the shell side.
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Pressure level: The fluid with the highest pressure should be on the tube side.
Viscosity: The most viscous fluid should be on the shell side.

Rate of mass flow: The fluid with the smallest rate of mass flow should be on
the shell side.

Corrosion: The fluid being most corrosive should be on the tube side to mini-
mize the damage effect.

Fouling: The fluid suspected to foul the surface should be on the tube side.

Heat Transfer and Pressure Drop on the Tube Side. The pressure drop
on the tube side consists of expansion and contraction losses at inlets and outlets,
losses in U-bends or mixing chambers, and the friction losses in the straight
tubes. For long tubes, the friction loss dominates. Standard methods can be
used for this calculation, (2). For the other losses, reference is given to handbooks
(12). The heat transfer coefficient inside the tubes can also be determined by
standard methods as presented in Reference 2 if the tube surfaces are smooth.

Heat Transfer and Pressure Drop on the Shell Side. The flow field on
the shell side is quite complicated. This is in principle conjectured in
Figures 8, 17, and 30. The fluid is entering the shell side through an inlet pipe
and passes across a tube bundle (sometimes an impingement plate is placed just
below the inlet pipe to retard the fluid and protect the tubes). The baffles direct
the flows, but also support the tubes. Surface gaps are present between the baf-
fles and the inner-shell, as well as between the baffle holes an additional tubes
gaps exist. Leakage occurs through these gaps or openings. This means that part
of the mass flow is not passing the tubes in cross-flow.

Figure 31 shows Tinker’s principle sketch of the flow field, (23). The nonu-
niformity in flow velocity and direction, as well as the leakage flows, makes a pre-
cise calculation of the heat transfer coefficient and the pressure drop difficult.
The notations A—F in Figure 31 represent:

: Leakage flow due to the gaps between baffle holes and tubes.
: Main flow path, approximately cross-flow.

: Bypass-flow between tube bundle and inner-shell surface.

: Leakage flow between baffles and inner-shell surface.

: (Not marked in Fig. 31): Bypass-flow in streaks as a result of missing tubes
in some regions.

HEQW

Figure 32 shows two examples of baffles.
The baffle distance in the axial direction is typically 0.25 x shell diameter.
The heat transfer coefficient is calculated according to

Ols = COlgybe bundle (62)

where dube bundle 1S the heat transfer coefficient for a tube bundle in cross-flow.
Such coefficients can be determined as described in References 2, 24, 25. The
correction factor ¢ involves several factors considering effects of leakage, bypass
flow ete, (12). The order of magnitude for ¢ is ¢ ~ 0.6.
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The pressure drop on the shell side is spitted up in the pressure drop con-
tributions at the inlet and outlet, cross-flow over the tube bundle, flow in the so-
called window sections. A window section is the region between the inner-shell
surface and the location where a baffle ends, see also Figure 30. For the tube bun-
dle cross-flow, the pressure drop is calculated as

Apc = Aptu‘bebundle (Nb - l)Rl (53)

where Apiupe bundle 18 the pressure drop across the tube bundle (2,16,24,25), N, is
the number of baffles, and R, is a correction factor taking leakage and bypass
flow into account (12).

For the inlet and outlet, the pressure drop is written according to

N; + Ny

N, Ry (54)

Ape = Aptbue bundle

where N, is the number of tube rows in cross-flow between two adjacent baffles,
N, is the number of tube rows in the window section, and R is a correction fac-
tor for the bypass flow and the specific conditions at the inlet and outlet regions.
For more details, see Reference 12.

In the window section, the pressure drop is calculated from

Apy = ApuwNyR3 (55)

where Apy.,, is the pressure drop over the tube bundle in the window section and
R3 is a correction factor for leakage.
The total pressure drop Api. is calculated as

Aptot = Ape + Ape + Apy (56)

Error Estimations. 1In the design process of shell-and-tube heat exchan-
gers, it is important to know the accuracy in the calculations of the heat transfer
coefficient o, and the pressure drop Api.: on the shell side. The parameter o, is
estimated to be accurate within 25%, while Apy.; is accurate only within 40—75%.

Need for Research. As is evident from the presentation above, the uncer-
tainty in the estimations of the heat transfer coefficient and the pressure drop is
rather high particularly for the shell side. To improve the correlations and meth-
ods to calculate the correction factors is indeed a difficult task because of the
complex geometry and complex flow field. The risk of flow induced vibrations
at high velocities has to be considered as high velocities are also good for the
thermal performance of the heat exchanger. Studies of flow induced vibrations
for idealized situations are presented in References 26, 27.

3.10. Plate Heat Exchangers. Plate heat exchangers (plate-and-frame
heat exchangers), see Figure 33, is the second most common heat exchanger.
These heat exchangers generally have higher heat transfer -coefficients
(U-value) and higher compactness than shell-and-tube heat exchangers. In
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addition, they are more easy to clean, as the whole package can be disassembled.
However, the operating pressures and temperatures are lower.

The heat transferring surface consists of a number of plates, see Figures 33
and 34, which are assembled together in a package. Every plate is equipped with
a gasket that is fixed in grooves on one side along the plate border. The gasket
seals off against the adjacent plate. As is evident in Figure 34, a plate has holes
at the corners. With the layout of the gasket and its placement, the flow is con-
trolled so that a stream either enters or passes the channel between two adjacent
plates. As the plates are assembled to a package, see Figure 33, the holes and the
gaskets create a channel system. The hot and cold fluids are passing and enter-
ing every second channel. The operation is most commonly in counterflow. The
distance between the plates is very small, typically a few millimeters. A big heat
transfer area per unit volume is achieved.

Commonly, the plate surfaces are corrugated, which creates turbulence and
enhanced mixing, and as a result the heat transfer coefficient is high. The corru-
gation also improves the stiffness of the plates, which means that plate material
thickness can be made small (typically 0.5—0.6 mm). The thermal resistance in
the plates will then be small. The surface pattern is commonly according to two
main patterns, namely, the so-called herringbone pattern and the washboard
pattern. These are shown in Figure 34. Other patterns exist and combined pat-
terns also are available.

The fundament of a PHE consists of one fixed and one adjustable end plate.
The thick end plates are bolted together with the plate package in between. The
number of bolts depends on the operating pressure.

The plates can be coupled together in several ways. The plate package can
be divided into a number of streaks for the fluids. In Figure 35, a few examples of
couplings are shown. Nowadays, PHEs are also manufactured with plates with-
out gaskets. The PHEs are then brazed or welded. For brazed PHEs, vacuum
brazing is applied and the contact points are then brazed together creating a
strong bond. The operating pressures and temperatures can then be much
higher. The disadvantage is that the brazed PHE cannot be disassembled. Figure
36 shows pictures of some brazed PHEs.

Sometimes a thermal length 0 is introduced as heat exchangers are dis-
cussed. It is defined as

At

=MD

(57)

where At is the temperature difference of one of the fluids and LMTD is the loga-
rithmic mean temperature difference for an ideal counterflow heat exchanger. If
At is equal to the temperature difference for the fluid with the smallest heat
capacity flow rate, 6 will be equal to NTU, ie, the number of transfer units.

For plates with a tight pattern, the pressure drop is high and the heat
transfer is very efficient. One then has a thermally long channel (high 6). If
plates have a more open pattern, the pressure drop will be low and the heat
transfer will be worse. Now one has a thermally short channel (low 0). It is pos-
sible two assemble plates with different patterns together. The result will be
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something in between a long and a short channel in terms of pressure drop and
heat transfer performance.

3.11. Regenerative Heat Exchangers. A regenerative heat exchanger
has a setup of channels inside a relatively large matrix of a solid material. The
hot and cold fluids pass the matrix in an alternating manner. As the hot fluid
passes the flow channels in the matrix, heat is transferred to the matrix and
the temperature (internal energy) of the matrix is increased. In the next step,
as the cold fluid is passing through the matrix heat is transferred to the cold
fluid and the matrix is cooled down.

Regenerative heat exchangers are classified as static or dynamic. The
dynamic ones have moving parts. In most cases, the matrix is in the form of a
planar dish or a drum, see Figure 37. The matrix material is exposed sequen-
tially to the hot and cold fluids. Most commonly, the matrix is rotating. This
type is frequently occurring as preheater in heat and power plants (Ljungstrom
preheater or regenerator) and for heat recovery in air conditioning units. In a
variant of this heat exchanger, the matrix is fixed and instead the inlet and out-
let nozzles of the fluids are moving over the matrix cross-section.

Static regenerative heat exchangers have no moving parts except for supply
and delivery of auxiliary equipment. Most applications have continuous flows of
the hot and cold fluids, and then two matrices are required as well as periodic
switching, see Figure 38. At every instant of time, one matrix is in contact
with the hot fluid while the other one is exchanging heat with the cold fluid.

Rotating Heat Exchanger for Heat Recovery and Air Preheating.
Figure 39 shows the matrix (rotor or wheel) of a typical rotating regenerative
heat exchanger. The rotating wheel is built up by two foil systems arranged in
a way so that small channels are created. The wheel rotates relatively slow, up
to 10 rpm. Usually, ~50% of the front surface is exposed for one of the fluids
while the other half is open for the other fluid. Commonly, counterflow operation
prevails. The wheel will in a periodic manner be heated up and cooled. In contin-
uous operation, the wheel will approach a certain average temperature and per-
iodic fluctuations around this temperature will occur.

The conventional theory for calculation of the heat transfer coefficient in
rotating regenerative heat exchangers was established in the 1930s by Hausen.
The following equation is given for U:

1 om (1 1 1
= (‘Cl + ‘52) (—0(11_1 + % (a + a) + _0(2'52) (58)

where t; and t, are the time durations the matrix is in contact with fluids 1 and
2, respectively. The parameter 6, is the material thickness and A, is its thermal
conductivity. The parameters o, and oy are the heat transfer coefficients in the
channels for fluids 1 and 2, respectively.

The analysis by Hausen was based on several assumptions and later
research has suggested other methods for the analysis.

Reference 28 gives the following method to analyze a rotating regenerator
in counterflow:

Q=
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(59)

1
€ = Ecounterflow X |1 — O/ 1.93
l 9(Cy)

where €.ounterfiow 1S the effectiveness of a nonrotating counterflow heat exchanger
and
C: _ (mcp)heat exchanger(D (60)
C
c

(Mcp)heat exchanger 1S the heat capacity of the matrix material, © the rotational
speed [revolutions/s] and C, = (m¢p) cord fruid-

If the heat capacity flow rates of the hot and cold fluids are equal, ie, C. =
C;, one has (see Table 7)

NTU, 1
SHTTUOXPW] (61)
where 1 1
NTGo =7 [(1/ocA>c T <1/ocA>h] (62)

For heat exchangers of material with high thermal conductivity, a correc-
tion due to longitudinal heat conduction must be introduced. One then has

€ =¢& X correction, (63)

Reference 28 gives when C, = C,

1 1

1+20)
1+ NTU gty L+ NTUo

correction; =1 —

(64)

© % A . . .
M} , Mheatexchanger 18 the thermal conductivity of the
LCmin

heat exchanger material, A,; is the heat conducting area in the longitudinal

direction, and
o . | NTUo
“\1+ANTU,

3.12. Frictional Pressure Drop. In the description of calculation meth-
ods for the pressure drop in compact heat exchangers and shell-and-tube heat
exchangers, the frictional pressure drop appeared. The frictional pressure drop
inside a heat exchanger results when fluid particles move at different velocities
because of the presence of structural walls, eg, tubes, shell, and channels. It is
calculated from a well-known expression as

where A =
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L /1
(Ap)friction = fD-D_h <§ pv2> (65)

where fp is the Darcy friction factor = 4f, and f is the Fanning friction factor; D;,
is the hydraulic or equivalent diameter = 4(flow area)/(flow perimeter); and
Y% pV? is the dynamic pressure. The Darcy friction factor, fp, can be derived
from a theoretical analysis of fluid flow in a closed conduit; for laminar flow

64
fo = To (66)
and for turbulent flow
0.184
fo= Re02 (67)

Equation 67 is applicable to smooth-walled conduits for 10,000 < Re < 120, 000.
In general, fp is a function of the Reynolds number, Re, and the relative rough-
ness of conduit surface, ¢,/D;, as shown in the Moody diagram, Figure 40.

Pressure Drop from Area Change. Pressure drop from area change
occurs as a result of energy dissipation associated with eddies formed when a
flow area is suddenly expanded or contracted. It is expressed in the following
form:

1
(Ap)areachange = K<2 pVI%laX) (68)

where K is the pressure loss coefficient and V., is the flow velocity based on
smaller or minimum flow area. The parameter K is a function of flow/area
ratio and is given in Figure 41 for both sudden contraction and expansion
cases. Equation 76 may be used to calculate pressure drops from inlet nozzles
to shell or channel, from shell or channel to outlet nozzles, and tube side inlet
and exit losses. When there is a gradual change in tube diameter, the corre-
sponding pressure-loss coefficient can be determined using the curve given in
Figure 41c.

Pressure Drop Owing to Flow Turning. When a fluid turns along a
curved surface or mitered bend, a secondary flow is formed as a result of centri-
fugal force acting on fluid particles. An energy dissipation follows, and the pres-
sure decreases. The pressure drop associated with flow turning is expressed as

1 L 1
(Ap) urning K <_ pvz> - fD <_> (_ pvz) (69)
¢ & 2 Dy, equivalent 2

where K is the turning-loss coefficient (see Fig. 42), V is the flow velocity calcu-
lated based on the upstream unaffected flow area, and L/D;, is an equivalent
length/diameter ratio. The equivalent length/diameter ratio concept can also be
used in conjunction with a familiar friction pressure-drop formula of equation.
The pressure drops in a U-bend section of U-tubes in a heat exchanger can be
calculated using a similar approach as given in equation 69.
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3.13. Special Applications. High Temperature and Waste Heat
Recovery Exchangers. Heat exchangers in industrial process heating applica-
tions are commonly used to improve process efficiency by preheating the combus-
tion air using waste heat from the flue gases. Advances in these heat exchangers
should have significant impact on energy savings in primary metal, glass, and
ceramic firing industries.

The primary need in the development of heat exchangers for recuperation in
high temperature industrial processes does not relate mainly to heat transfer
issues but rather to material durability. Heat exchangers need to withstand
high temperatures and corrosiveness of gases, eg, those containing sodium silicates
and chlorine and potassium salts. To date no low cost ceramic materials are avail-
able for heat exchangers for these conditions. In addition, because these ceramic
components must be mated to metallic components, methods to obtain ceramic-
to-metallic seals must be obtained to simplify manufacturing and installation of
recuperation equipment in these applications. Moreover, the autoregenerative bur-
ners are expensive; thus, new burners that produce low NO, and are reasonable in
price should be developed. There is good potential for the application of low cost,
easily retrofitted passive heat transfer enhancement techniques to high tempera-
ture waste heat recovery, as well as to high temperature process heat exchangers/
reactors, eg, fired heaters, steam reformers, and other process vessels used in the
petrochemical industries. A better understanding of the radiative properties of
exhaust gas streams would allow better design of such heat exchangers.

Low Temperature Difference Heat Exchangers. Many applications exist
in which the extraction of thermal energy from low temperature differences
between the source and sink is discussed. Some examples are ventilation appli-
cations, ocean thermal energy conversion (OTEC) power plants, and atmosphere
thermal energy conversion (ATEC) power plants to recover thermal energy
owing to a temperature difference between a mountaintop and the valley. In
the latter two examples, abundant free energy can be harnessed if the appropri-
ate inexpensive durable heat exchangers are available. These low temperature
difference heat exchangers would require very large areas. This is the principal
disadvantage and limitation.

The success of low temperature difference applications depends on the devel-
opment of special inexpensive materials, heat-exchanger constructions, and surfaces
having high heat transfer performance at a very low pressure drop, ie, low pumping
power requirements. Whereas low cost paper and plastic exchangers are commer-
cially available for ventilation applications, specialized materials and exchanger
constructions are needed to provide cost-effective exchangers with durability and
good performance. The OTEC power plants have not materialized because heat-
exchanger capital and operating costs are too high, and the life is too short.

Direct Contact Heat Exchangers. In a direct contact exchanger, two fluid
streams come into direct contact, exchange heat, and possibly mass, and then
separate. Very high heat transfer rates, practically no fouling, lower capital
costs, and lower approach temperatures are the principal advantages.

Cooling towers are excellent examples of direct contact heat exchangers.
Sparging, ie, a process of forcing gas or water vapor through liquid to remove
undesirable gases using low pressure steam, is a common way to heat up mate-
rial in the food industry. When chemical reactions must be stopped very quickly,
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direct quenching downstream of the reactor is often employed. Beds of solids are
often heated by direct contact with fluidizing gas, eg, in fluidized-bed dryers.

Direct contact heat exchangers have, however, received limited use in con-
ventional power and process applications. These exchangers appear to offer
advantages in some geothermal power applications and have been proposed for
use in ocean thermal energy conversion-system designs. Direct contact heat
transfer also plays an important role in some nuclear accident scenarios in
which vapor produced in an accident is condensed by bringing it into direct con-
tact with colder water. Applications of direct contact exchanger technology could
come in the biotechnology area, where direct contact heat transfer/mass transfer/
reactor units may be used in the production and processing operations in genetic
engineering technology. Whereas the uses of direct contact exchanger technology
are not completely understood, the potential impact could be great, particularly
in aerospace power and heat-exchanger designs.

Heat Exchangers Using Non-Newtonian Fluids. Most fluids used in the
chemical, pharmaceutical, food, and biomedical industries can be classified as
non-Newtonian, ie, the viscosity varies with shear rate at a given temperature.
In contrast, Newtonian fluids, eg, water, air, and glycerin, have constant viscos-
ities at a given temperature. Examples of non-Newtonian fluids include molten
polymer, aqueous polymer solutions, slurries, a coal-water mixture, tomato
ketchup, soup, mayonnaise, purees, suspension of small particles, blood, etc.
Because non-Newtonian fluids are nonlinear in nature, these are seldom amen-
able to analysis by classical mathematical techniques.

The optimum design of process equipment that handles non-Newtonian
fluids could be significantly improved once predictive capability were increased.
However, the basic understanding of the fluid mechanical and heat transfer
behavior of non-Newtonian, ie, viscous and viscoelastic, fluids, is limited. A bet-
ter understanding of pressure drop and heat transfer behavior of non-Newtonian
flows applicable to typical heat-exchanger geometries should lead to the design
and development of more energy-efficient processes and to better quality control
of the final products. In general, the viscosity of a non-Newtonian fluid can be
significantly larger than that of water. Therefore, the selection of a pump size
to provide enough flow rate and subsequently to ensure adequate heat removal
or supply is necessary.

A significant heat transfer enhancement can be obtained when a noncircular
tube is used together with a non-Newtonian fluid. This heat transfer enhancement
is attributed to both the secondary flow at the corner of the noncircular tube and to
the temperature-dependent non-Newtonian viscosity. By using an aqueous solution
of polyacrylamide, the laminar heat transfer can be increased by ~300% in a rec-
tangular duct over the value of water. For further details, see References 31-33.

A knowledge of the viscous and thermal properties of non-Newtonian fluids
is essential before the results of the analyses can be used for practical design pur-
poses. Because of the nonlinear nature, the prediction of these properties from
kinetic theories is in its infancy. For the purpose of design and performance cal-
culations, physical properties of non-Newtonian fluids must be measured.

Microheat Exchangers. A better understanding of transport phenomena
in microchannel heat exchangers appears to be vital to the development of some
advanced microelectronic devices. In future designs, heat-exchanger passages
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are expected to be incorporated into silicon substrates for the purpose of cooling
substrate-mounted microelectronic chips. The passage dimensions could be made
as small as those of the chip features, in which case the passage size may be com-
parable to the mean free path of air molecules pumped through the passages.
The spacing between two molecules of gas is on the order of 1 pm, whereas
that of liquid is on the order of 0.1 pm.

For further research on convective transport under low Reynolds number,
quasicontinuum conditions is needed before the optimal design of such a micro-
heat exchanger is possible. The cooling heat exchanger is usually thermally
linked to a relatively massive substrate. The effects of this linkage need to be
explored and accurate methods of predicting the heat transfer and pressure-
drop performance need to be developed.

Electrohydrodynamic-Based Heat Exchangers. Electrohydrodynamics
refers to the coupling of an electric and velocity field in a dielectric fluid conti-
nuum. Electric field effects on heat transfer in polar gases generally take place
via a modification of the gas velocity and temperature boundary layers. Electric
fields in complex flows act to change the character of flow stability. Applications
of electrohydrodynamics in convective heat transfer are diverse, eg, in heating
ventilation or air conditioning (HVAC) cooling of electronic equipment applica-
tions, space power applications, micromachines, ultrasmall high duty heat
exchangers, and noninvasive flow control techniques.

Characterization and influence of electrohydrodynamic secondary flows on
convective flows of polar gases is lacking for most simple, as well as complex, flow
geometries. Such investigations should lead to an understanding of flow control,
manipulation of separating, and accurate computation of local heat transfer coef-
ficients in confined, complex geometries. The typical Reynolds number of the
bulk flow does not exceed 5000.

3.14. Special Topics. Flow-Induced Vibrations. One of the critical
limitations of the increased performance of shell-and-tube heat exchangers is
the onset of flow-induced vibrations at high shell side fluid flows that result in
a loud acoustic (noise) vibration of >150 dB, or the vibration of tubes to the
extent that the tube walls are worn through. Whereas a great deal of research
has been done to understand vibration excitation mechanisms and to develop
design guides, much is unknown about predicting flow-induced vibration occur-
rence, the location and type of damage, and the rates of wear. There is a substan-
tial dependence on experience with the hardware in service, and this severely
limits the development of the next generation of heat exchangers. Elimination
or substantial minimization of flow-induced vibrations would have a significant
impact in power, process, petroleum, and other industries that use shell-and-
tube exchangers (34).

Flow Maldistribution. One of the principal reasons for heat exchangers
failing to achieve the expected thermal performance is that the fluid flow does
not follow the idealized anticipated paths from elementary considerations. This
problem is referred to as a flow maldistribution. As much as 50% of the fluid can
behave differently from what is expected based on a simplistic model (35), result-
ing in a significant reduction in heat-transfer performance, especially at high
NTU or a significant increase in pressure drop. Flow maldistribution is the
main culprit for reduced performance of many heat exchangers.
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In addition to the reduction in performance, flow maldistribution may
result in increased corrosion, erosion, wear, fouling, fatigue, and material fail-
ure, particularly for liquid flows. This problem is even more pronounced for mul-
tiphase or phase change flows as compared to single-phase flows. Flow
distribution problems exist for almost all types of exchangers and can have a sig-
nificant impact on energy, environment, material, and cost in most industries.

For gross flow maldistribution in heat exchangers, modeling is available for
heat transfer performance prediction, but no modeling is available for pressure-
drop prediction. The reason is because, in most of the cases, the static pressure
distribution is not uniform at the exchanger inlet and outlet faces, and no mod-
eling or computational fluid dynamic analysis is possible without the boundary
conditions. Gross flow maldistribution significantly increases pressure drop. In
addition, because there are an infinite number of gross flow maldistributions pos-
sible, the only approach is to analyze the problem numerically for idealized uni-
form pressure boundary conditions.

No systematic study is reported to quantify the effect of manifold induced-
flow maldistribution on a single-phase pressure drop and heat transfer in a heat
exchanger. Such flow maldistribution is common in gas-to-gas and liquid-to-gas
exchangers with manifolds, and in a plate heat exchanger where many parallel
passages are connected by inlet and outlet pipe manifolds created by plate ports.
For two-phase flow distribution, however, no practical methods exist for ensuring
the adequate distribution of the vapor and liquid phases among many parallel-
flow channels. The result in the cryogenic gas processing area is, eg, that phases
are separated and introduced into separate heat exchangers for further vapori-
zation or condensation at a significant penalty in overall thermodynamic optimi-
zation of the system. Viscosity-induced flow maldistribution has been hardly
analyzed to quantify the influence on heat transfer and pressure drop. Very mea-
ger information is available in the literature on natural convection-induced flow
maldistribution and its effect on the exchanger heat transfer and pressure drop.
A combination of hot- and cold-fluid maldistributions, both tube side and shell
side, can create a more serious problem than the individual maldistributions
alone. Heat exchangers involving multiphase flow appear to have the highest
likelihood of flow maldistribution and the resulting thermal and mechanical per-
formance loss and flow instability. This is especially critical where multiphases
exist at inlet.

Recent investigations are exemplified by References 36, 37.

Header Design. Headers, ie, manifolds and tanks, are the chambers or
transition ducts at each end of the heat-exchanger core on each fluid side for dis-
tributing fluid to the core at the inlet and collecting fluid at the exit. These may
be classified broadly as normal, turning, and oblique flow headers. Poor design of
headers reduces heat transfer performance significantly and may also increase
pressure drop substantially owing to flow maldistribution, flow separation, and
jet effects. Thus header design is an important problem for all heat exchangers
where fluid from the inlet pipe is distributed to the exchanger core via manifolds
and tanks. If novel heat-exchanger applications are contemplated, the header
volume must be a very small fraction of the total exchanger volume, particularly
for highly compact heat-exchanger applications.
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No design theory and modeling is available to obtain uniform flow for nor-
mal headers, ie, diffusers having downstream flow resistance and turning head-
ers, with or without vanes. Only very limited design information is available for
oblique flow headers. Manifolds in a heat exchanger can be further classified into
four types: dividing, combining, parallel, and reverse flow manifolds. Parallel
and reverse flow manifolds are those that combine dividing and combining
flow manifolds. In a parallel flow manifold, the flow directions in dividing and
combining flow headers are the same; in a reverse flow manifold, the flow direc-
tions are opposite. The objective of the manifold design is to obtain a uniform flow
distribution in the heat-exchanger core, with the manifold occupying the smal-
lest fraction of volume of the total heat exchanger.

Most experimental studies on manifolds are limited to turbulent flow in cir-
cular pipes. The flow characteristics of branch points in manifolds and the effect
of the Reynolds number and branch pipe resistance on the flow distribution in
dividing and combining flow manifolds have been studied using water. In the lat-
ter case, the branch pipe resistance was varied by using different size orifice
plates. The flow distribution, which was independent of the Reynolds number
in a range of Re = 30,000—-100,000, was found to improve with the increase of
branch pipe resistance. Reverse and parallel flow manifolds have been studied
both analytically and experimentally using hair. A manifold having a smaller
area ratio (AR = 1.41) had a better flow distribution than the one having a larger
area ratio (AR = 2.81), regardless of the resistance in branch pipes. The area
ratio, AR, is the ratio of the total channel cross-sectional area to the dividing
flow header cross-sectional area. Several investigations have also been conducted
using analytical and numerical approaches on dividing and combining flow mani-
folds.

Material Selection. For most heat exchangers, the material selection and
the manufacture are quite distinct. These are further dependent upon the speci-
fic application and so, eg, the heat duty, type of fluids being handled, and mode of
heat transfer (single-phase flows, boiling, and condensation) are important. With
respect to corrosion, the compatibility between the construction materials and
working fluids is essential and thus the corrosiveness of the working fluid might
be a selection criterion. Other criteria might be fouling and erosion. The properties
of the required material, however, seldom affect the design that can be used.

For PHE stainless steels, nickel alloys, titanium, and titanium alloys are
common, but there are also others, eg, graphite, copper and copper alloys, tanta-
lum, and aluminum appear. For gasketed plate-and-frame heat exchangers, the
gasket material is also very important. This is selected according to the operating
conditions, eg, fluid type, concentration, and temperature, and has a direct influ-
ence on lifetime, reliability and safety. Gaskets are commonly made of various
elastic and formable materials, eg, rubber. Further details can be found in
Refernece 38.

Shell-and-tube heat exchangers can be designed using a variety of materi-
als, both metallic and nonmetallic. If carbon steel can be used, the heat exchan-
ger can be manufactured cheaply. More information is available in Reference 39.
Compact heat exchangers have to satisfy requirements on low cost, light weight,
ease of manufacturing, high thermal conductivity, and where applicable alumi-
num is often selected.
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4. Nomenclature

Symbol Parameter Units
A heat transfer surface area, flow area m?
AR area ratio
a thermal diffusivity m?/s
b thickness m
C heat capacity flow rate W/K
Cr ratio of Cpin t0 Crax
C: heat capacity ratio rotating heat exchanger
Cp specific heat at constant pressure J/kgK
D diameter m
D., D, width of combining and dividing flow headers m
Dy, hydraulic or equivalent diameter m
Ep emissive power W/m?
F LMTD correction factor
Fy, view factor between surfaces i and &
f Fanning friction factor
o Darcy friction factor
G mass flux kg/m?s
h heat transfer coefficient W/m?K
J radiosity W/m?
K pressure loss coefficient
k thermal conductivity W/mK
L length or manifold length m
LMTD logarithmic mean temperature difference K
m fin parameter or exponent 1/m
m mass flow rate kg/s
N number of tube rows traversed by fluid
Nu Nusselt number
Nuggs Nusselt number for uniform wall heat flux

boundary condition
Nurp Nussellt number isothermal wall boundary condition
NTU number of transfer units
n number of shells or exponent
P temperature efficiency
P, perimeter or circumference m
Pr Prandtl number
Py fin pitch m
P pressure N/m®
Q heat transfer rate w
q heat flux W/m?
R ratio of heat capacity flow rates
Re Reynolds number
r radius m
St Stanton number
S; transverse tube pitch m
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longitudinal tube pitch

open space between fins
thermal resistance
temperature or thickness
overall heat transfer coefficient
mean flow velocity

flow velocity

length

heat transfer coefficient
fouling factor

additional surface area
pressure difference or drop
temperature difference
mean temperature difference
thickness

heat exchanger effectiveness, emissivity
surface roughness

thermal length

thermal conductivity
dynamic viscosity

kinematic viscosity

density

area ratio

time

fin efficiency

total fin efficiency

base of fin

cold or heated fluid, cross flow
diameter

effective

fin, fouling, fluid, front
hot or heating fluid
inside

inlet

maximum

minimum

outside

outlet

shell side

tube side

wall, window

flow length direction
at far distances
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W/mK
kg/ms
m?%/s

kg/m?
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Table 1. Thermal Conductivity for Some Materials
Thermal conductivity, W/mK

Specific heat at
Material at 20°C at 100°C at 300°C 20°C, kd/kgK
aluminium 204 206 228 896
carbon steel, 1.0% 43 43 40 473
copper 386 379 369 381
brass, Cu 85%, Zn 30% 111 128 147 385
stainless steel, AISI304 14.9 17 19 477

water 0.613 0.683 4239
air 0.0261 0.0331 0.0456 1014




34 HEAT TRANSFER AND HEAT EXCHANGERS

Table 2. Typical Values of the Convective Heat Transfer Coefficient

Material Convection process W/m?K Btu/(h,ft? °F)
air free, natural 2-25 0.4-5

air forced 25-250 5-50

water free, natural 50-1,000 10-200
water forced 50-20,000 10—4,000
water boiling 2,500-100,000 500-20,000

water vapor condensing 5,000—-100,000 1,000-20,000
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Table 3. Correlations for Convective Heat Transfer, Circular Tube Flow (1, 2)

Fully developed flow Nug Pr

Laminar 4.364%, 3.656°

turbulent, smooth tube
Rey > 10,000° 0.027 Re® Pr'/3 (u/p,)** 0.7 < Pr<16,700
Req < 20,000 0.6 < Pr< 160
Re > 20,000 0.023Reg‘8Pr"d 0.6 < Pr< 160

“Constant wall heat flux.

bConstant wall temperature.

‘For temperature-dependent viscosity.
dp = 0.4 for heating, n = 0.3 for cooling.
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Table 4. Correlations for Convective Heat Transfer for External Flow (1,2)

laminar flow Nusselt
surface number Rey C m
flat plate, where 0.664Re, *5Pr'3
0.6 < Pr <50¢
circular cylinder, CReq™ Pr'/3 1-40 0.75 0.4
where 0.4 < Regq
< 400,000°
40-1000 0.51 0.5
1 x 10°-2 x 10° 0.26 0.6
2 x 10°-10° 0.076 0.7
aNux, avg-

bNud.
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Table 5. Correlations for Heat Transfer Coefficients for Noncircu-
lar Laminar Duct Flow (1, 2)

Duct design Nugs® Nug?
square 3.091 2.976
rectangular, aspect ratio
0.5 3.017 3.391
0.25 4.35 3.66
triangular, isosceles 1.892 2.47

“Nupys is the Nusselt number for uniform heat flux boundary condition
along the flow direction and periphery.

bNur is the Nusselt number for uniform wall temperature boundary condi-
tion.
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Table 6. Fouling Factors

Fluid 1/otg, m*K/W
destilled water 1x107%
seawater (T' < 325 K) 1x107*
seawater (T > 325 K) 2x 107
feed water to furnaces 2x 1074

oil 9x107*
dirty air 3.5x107*
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Table 7. ¢e-NTU Relations for Some Common Heat Exchanger Types (HEX)
HEX-type® e Figure
parallel flow 1— exp[—NTU(l + C)] 25b
&= 1+C
counter flow 87 1— exp|-NTU(1 — C)] - 25a
" 1 - Cexp[-NTU(1 - C)]
NTU
*T14NTU ¢=1

(shell-and-tube HEX)
1 Shell pass 26a

2,4,6,. .., tube passes €1 =2{1+C+(1+C2)1/2

. Lexp [-NTU(L + c2)l/? }1
1 —exp | -NTU(1 + C2)2
n n -1

n Shell passes 2n, 4n,. . ., g, = Kl - 810) _1} (1 - SlC) —C} 26b

tube passes 1—¢g 1-¢
cross-flow (single pass)
both fluids unmixed e~ 1 — exp[CL(NTU)** {exp[-C(NTU)* ™) — 1}] 26¢

o B NTU C(NTU) !

both fluids mixed e =NTU [1 ~ exp(_NTO) + 1= exp[_C(NTU)] 1} 26d
Cinin unmixed g =C1(1 - exp[-C{1 — exp(-NTU)}|) 26f

C max mixed
Cmin mixed e =1—exp(—C1{1 — exp[-C(NTU)]}) 26e

Cnax Unmixed
All heat exchangers C =0 e =1—exp(—NTU)

oC = Cmin/Cmax~
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Table 8. ¢&-NTU Relations for Some Common Heat Exchangers (HEX)

HEX-type® NTU® Figure
25b
~ In[1-¢(1+C))
parallel flow NTU = — —1:Cc
1 e—1
NTU = —ln( ) Cc<1
counterflow c . 1 eC—1 25a
(shell-and-tube HEX) NTU = T % cC=1
NTU = —(1+ C?) *?In (%)
1 shell pass 2,4,6,..tube 26a
passis g - (150)
(1+C?)'?
n shell passes 2n, 4n,. .. Use the expression for one shell pass 26b
tube passes ) F_1 cC — 1\ M/
but with ¢; :ﬁwhereF = ( ] )
cross-flow (one pass)
Crnin unmixed C,,.x mixed NTU = —In[1 + C !n(1 — C)) 26f
Crin mixed Cax unmixed NTU = —C~'n[ClIn(1 — &) + 1] 26e

all heat exchangers C =0

NTU = —-In(1 —¢)

oC = Cmin/Cmax~
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Fig. 1. Heat transfer by (a) heat conduction, (b) convection, (¢) thermal radiation.
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Fig. 7. Compact heat exchanger. (Radiator for a private car.)

Inlet Inlet
cold fluid hot fluid
Ul Shelll %Tubes
L ' i
£ AN i M 7 AY \
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e ~ ~ //' // S—" A
i _
Manifold Baffles .Ll_L_ Manifold
Exit Exit cold fluid

hot fluid

Fig. 8. Principle sketch of a shell-and-tube heat exchanger. One shell pass and one tube
pass.
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Fig. 10. Finned plate heat exchangers. (From Harrison Radiator Division, General
Motors.)

Fig. 11. Finned tubular heat exchangers. (From Harrison Radiator Division, General
Motors.)
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Fig. 12. Cocurrent or parallel flow heat exchanger.

Fig. 13. Counterflow arrangement.
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Fig. 14. Simple cross-flow arrangement.
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Inlet hot fluid

Fig. 15. Cross-flow heat exchangers. Both media are unmixed.
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Fig. 16. One fluid unmixed, one mixed.
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Fig. 17. Common multipass arrangements.
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Fig. 19. Principle sketch of temperature distributions in a counterflow heat exchanger.
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Fig. 24. Correction factor F for across flow heat exchanger with one fluid unmixed.
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Fig. 26. (a) -NTU for shell-and-tube heat exchangers with one shell pass and two tube
passes. From (2) (b) e-NTU for shell-and-tube heat exchangers with two shell passes and
four tube passes. From (2) (¢) e-NTU for cross-flow heat exchangers with both fluids un-
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other is unmixed. From (2) (f) e-NTU for cross-flow heat exchangers, where the fluid
with Cp,.x is mixed, while the other is unmixed. From (2).
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Fig. 27. Stanton number, St, and friction factor, f, for a finned tubular heat exchanger
From (13).
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Fig. 28. Stanton number, St, and friction factor, f, for a tubular heat exchanger with
plane fins. From (13).
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Fig. 29. Notations for tubular heat exchangers with plane fins.



54

HEAT TRANSFER AND HEAT EXCHANGERS

® . 5bbaoba

&
® @ pep £ RAgel B

LR ] ) Jaerehp
T | [ 7 ST TN NN
Y \, 1 i ; 4 \ N
oeed 0o o Fese d v
(d)
(a) Shell-and- tube heat exchangers, one shell pass and one tube pass. (b) Shell-

Fig. 30.

and-tube heat exchanger, one shell pass and two tube passes, mixing between the tube
passes. (From TEMA-Tubular Exchanger Manufacturer Association.) (¢) Shell-and-tube
heat exchangers. one shell pass and two tube passes, without mixing between the tube

passes. (d) Shell-and-tube heat exchanger, Kettle-reboiler.

1. Stationary head-channel
2. Stationary head-bonnet
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Stationary head-flang-channel or bonnet

Channel cover
Stationary head nozzle
Stationary tube-sheet
Tubes

Shell

Shell cover

. Shell flange-stationary head end
. Shell flange-rear head end

. Shell nozzle

. Shell cover flange

. Expansion joint

. Floating tube-sheet

Floating head cover

. Floating head flange

. Floating head backing device
. Split shear ring

. Slip-on backing flange

. Floating head cover-external
. Floating tube-sheet skirt

. Packing box

. Packing

. Packing gland

Lantern ring

. Tierods and spacers

. Transverse baffles or support plates
. Impingement plate

. Longitudinal baffle

. Pass partition

. Vent connection

. Drain connection

. Instrument connection

. Support saddle

Lifting lug

. Support bracket
. Weir
. Liquid level connection
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Fig. 31. Tinker’s sketch of the flow field on the shell side in a shell-and-tube heat
exchanger.

AT a

Fig. 32. Baffle designs.
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Fig. 33. Plate heat exchanger.
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; (b) Plate pattern.

(a) Plate pattern;

Fig. 34.

i

(a) Two streaks (2x3/2x3)

(b} One streak (1x6/1x6)

Fig. 35. Flow streaks.
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Fig. 39. The wheel or rotor of a rotating regenerative heat exchanger.
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Fig. 40. The friction factor f for pipe flow according to Moody (29,30).
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Fig. 41. Pressure loss coefficient, K (a) for sudden contraction, (Ap) = K(1pV3); (b) for
sudden expansion, (Ap)=K (% pV?2); (e) versus 0 in a gradually expanding section
(Ap) =K(@p(VZ—VE)), where (-------- ) Do/Dy = 1.5; (- - - - - ), Do/D1 = 3 (29).
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Fig. 42. (a) Configuration for flow turning. The frictional resistance resulting from the
bend length must be added; (b) pressure—loss coefficient, K, for 90° flow turning where the

numbers on the lines refer to /D values. (30).



